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h i g h l i g h t s
 An accurate CFD model of the scavenge ﬂow in a marine diesel engine is developed.
 Conjugate heat transfer calculations are performed for the piston crown.
 The combustion is accounted for by a novel heat release approach.
 A detailed analysis of the scavenging ﬂow is presented.
 The temporal and spatial temperature distribution in the piston crown is presented.
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a b s t r a c t
A novel computational ﬂuid dynamics (CFD) model is presented for the study of the scavenging process
and convective heat transfer in a large two-stroke low-speed uniﬂow-scavenged marine diesel engine.
The engine is modeled using a fully resolved 12° sector, corresponding to one scavenge port, with cyclic
boundaries in the tangential direction. The CFD model is strongly coupled to experiments and effectively
provides a high order ‘‘interpolation’’ of the engine processes through the solution of the Reynolds-Averaged Navier–Stokes (RANS) equations subject to boundary conditions obtained through experiments. The
imposed experimental data includes time histories of the pressure difference across the engine and the
heat release during combustion. The model is validated by a numerical sensitivity analysis and through
a comparison of model predictions and experimental data, which shows a good agreement. The results
show an effective scavenging and a low convective heat loss in agreement with experimental data for
large marine diesel engines.
Ó 2014 Elsevier Ltd. All rights reserved.

1. Introduction
The International Maritime Organization has deﬁned new regulations for marine engines which aim at reducing NOx emissions by
75% in many coastal areas from 2016. At the same time, a continued increase in the fuel oil price is expected. These factors call for
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increased control and improvement of emission levels and engine
efﬁciency.
A key engine process for two-stroke engines, both in terms of
emission levels and fuel efﬁciency, is the scavenging process. The
uniﬂow method is the most efﬁcient scavenging method for twostroke engines [1] and has also been considered for free piston engines [2] and opposed piston engines [3]. In large two-stroke lowspeed marine diesel engines the uniﬂow method is used in a conﬁguration with angled scavenge ports located in the cylinder liner
and a single centered exhaust valve in the cylinder head. As the
piston uncovers the ports the fresh charge is blown into the cylinder creating a swirling ﬂow that forces the combustion gases out
through the exhaust valve while cooling the combustion chamber
surfaces. The swirling motion improves the scavenging and enhances the mixing of air and fuel during the combustion phase.
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Optimization of the scavenge ﬂow can therefore lead to reduced
emissions and fuel consumption as well as reductions in heat loss
and thermal loads.
Despite the importance of the scavenging process, the details of
the in-cylinder ﬂow processes are poorly understood. Due to the
size of two-stroke low-speed marine diesel engines, experimental
investigations have in general been limited to simpliﬁed scale
models, see e.g. [4,5] and references therein. As experimental work
often has signiﬁcant practical limitations as well as being both
time-consuming and expensive, it is desirable to develop numerical tools capable of predicting the in-cylinder processes.
Numerical modeling of the in-cylinder ﬂow in uniﬂow-scavenged engines has been the subject of earlier works and include
steady-ﬂow simulations [6–9], 2D-axisymmetric simulations [10–
15], sector simulations without scavenge port geometry [16,17],
and full 3D simulations [18–20]. The steady-ﬂow simulations must
be considered to provide only a coarse approximation of the ﬂow in
a running engine, and have primarily been used for validation by
comparison with experimental velocity proﬁles. The 2D-axisymmetric simulations are the least computational expensive, but
the poor representation of the scavenge port geometry is known
to lead to large errors in the predictions [16]. The sector approach
provides a reasonable compromise between the accuracy of the
geometrical representation and the computational cost by assuming rotational symmetry. The full 3D-simulations are the only approach that allows asymmetric phenomenons to be studied.
However, the large computational cost of the full 3D simulations
generally necessitates reductions of the spatial resolution, which
can lead to considerable reductions of the accuracy. In the works
where the scavenging process is studied for direct injection engines under ﬁred conditions, only a part of the engine cycle is simulated, see e.g. [11–13,16,17,21]. In these cases, the simulations are
started at exhaust valve opening (EVO) or scavenge port opening
(SPO), and are sensitive to the initial ﬁelds, which must be estimated. These ﬁelds include the in-cylinder distribution of the temperature, velocity, and turbulence which in general are unknown.
In the present work a computational ﬂuid dynamics (CFD) model of a large two-stroke low-speed uniﬂow-scavenged marine diesel engine is developed. The simulated engine is the MAN Diesel &
Turbo 4T50ME-X research engine, which is a four cylinder twostroke marine diesel engine with electronically controlled exhaust
valve and fuel injection and has recently been modiﬁed to give
optical access into the combustion chamber [22]. The cylinder bore
is B ¼ 0:50 m, the stroke is S ¼ 2:2 m, and the engine speed is
N ¼ 123 rpm at full load conditions. The cylinder has 30 equally
spaced scavenge ports with port angles of /sc ¼ 20 with respect
to the radial direction. The main speciﬁcations for the research
Table 1
Main speciﬁcations for the 4T50ME-X research engine at full load conditions.
Parameter

Sym.

Unit

–

Bore
Stroke
Connecting rod
Compression volumea
Geometric compression ratio
Engine speed
Number of scavenge ports
Scavenge port angle
Scavenged mass pr. cycle
Temperature in scavenge box
Mean scavenge box pressure

B
S
L
Vc
CR
N
nport
/sc
msc
T sc

m
m
m
m3
–
rpm
–
°
kg
K
bar

0.50
2.20
2.885
0.02653
17.28:1
123
30
20.0
2.07
312
3.68

Mean exhaust receiver pressure

P exh
tsc
U sc

Open port period
Characteristic ﬂow velocity

P sc

bar

3.28

s
m/s

0.10
26.3

a
Uncertain estimate due to compression of connecting rod and thermal expansion of cylinder cover.

engine at full load conditions are presented in Table 1. The characteristic scavenge ﬂow velocity given in the table is deﬁned by
U sc ¼ msc =ðqsc t sc Acyl Þ, where qsc is the ﬂuid density at scavenge
box conditions and Acyl ¼ B2 p=4 is the cross-sectional area of the
cylinder. The Reynolds number for the scavenging process is
Re ¼ U sc B=msc ¼ 2:5  106 , where msc is the kinematic viscosity at
scavenge box conditions. The large Reynolds number indicates that
the ﬂow is fully turbulent. The ﬂow resistance over the engine is
given
by .the
Euler
Number
 non-dimensional
Eu ¼ ðP sc  Pexh Þ qsc U 2sc ¼ 14:5, where P sc is the mean scavenge
box pressure and Pexh is the mean exhaust receiver pressure. The
blowdown process starts at exhaust valve opening (EVO) which occurs at a crank angle of 68° before the piston reaches bottom dead
center (BDC). The scavenge port opening (SPO) and scavenge port
closing (SPC) is 37° before and after the BDC, respectively. The
scavenging process ends at exhaust valve closing (EVC) 89° after
BDC.
For the simulations only one engine cylinder is considered and
the geometry is simpliﬁed by assuming that the scavenge box and
exhaust duct are rotational symmetric. These assumptions make it
possible to represent the engine geometry using a 12° sector, corresponding to one scavenge port, with cyclic boundaries in the tangential direction. The combustion is accounted for by
implementing a time dependent heat source based on the experimentally determined heat release. Compared to earlier works, this
new approach allows for continuous simulation of the full engine
cycle and makes the model results independent of the initial ﬁelds.
The in-cylinder pressure, velocity, temperature, and concentration
ﬁelds are predicted through the solution of the Reynolds-Averaged
Navier–Stokes (RANS) equations. The purpose of the present work
is to use the CFD model to gain knowledge on primarily the scavenging process but also the convective contribution to the in-cylinder heat transfer.
The model is validated by a sensitivity analysis of the numerical
parameters and through comparison of model predictions and
experimental data. The mixing of the cylinder gases is examined
and the concentration of fresh charge in the cylinder at exhaust
valve closing is estimated. The transient behavior of the angular
and axial momentum in the engine cylinder is studied over the full
engine cycle. Convective heat transfer between cylinder gases and
combustion chamber surfaces is investigated and the total in-cylinder heat loss is estimated. Conjugate heat transfer computations
are performed for the upper part of the piston crown and surface
temperature variations through the engine cycle are studied.

2. Numerical model
The engine simulations are performed using the commercial
CFD code STAR-CD version 4.12.010 solving the RANS equations
using a ﬁnite volume discretization. The computational domain is
a 12° sector corresponding to a single scavenge port and represents
the engine geometry from the scavenge box inlet to the exhaust
diffuser outlet (Fig. 1). For simplicity, the piston, cylinder head, exhaust valve, and scavenge port geometries are modeled using plane
surfaces with sharp edges. However, care is taken, to ensure that
the compression volume and the effective ﬂow areas in the model
are the same as in the physical engine. The mesh consists of
approximately 174,000 cells corresponding 5.2 million cells for
the full 360° geometry. The mesh resolution in the cylinder volume
is 76 cells in radial direction, 8 cells in tangential direction, and 172
cells in axial direction. The mesh is gradually reﬁned toward the
walls in radial and axial directions ensuring yþ values throughout
the engine cycles within the limits of the applied turbulence models (yþ < 250). Additional details and visualizations of the mesh are
given in [23]. The motion of the piston and exhaust valve is mod-
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0:04B above the piston surface to 0:06B below the cylinder head
in the axial direction. The main error created by the heat release
approach is that the increase in tangential momentum caused by
the fuel injection process is neglected. To evaluate the consequences of the error, a simulation has been performed where a
momentum source is implemented in the model, with a strength
corresponding to the momentum from the fuel injection. The results (not presented) show that the increased momentum only results in changes during the power stroke, whereas the ﬂow from
SPO to TDC is unaffected [27].
The scavenging of the combustion gases by the fresh charge is
modeled using a passive scalar. The diffusivity of the passive scalar
is controlled by the turbulent Schmidt number using the standard
value of 0.9 [25]. The concentration of the passive scalar before
scavenge port opening is speciﬁed to zero in the cylinder and exhaust domain and unity in the scavenge port and scavenge box.
Fluid entering the domain from the scavenge box inlet is also given
a concentration of unity.
At the time of writing the authors became aware of a discrepancy in port angle between the model and the research engine,
with the port angle in the model being 3.6° larger than the port angle in the engine. A control simulation with the correct port angle
showed no signiﬁcant change in the cylinder pressure and only a
minor reduction of 3.5% of the scavenged mass per cycle. The results presented below are therefore expected to be valid.

Fig. 1. Schematic of the computational domain with the piston at BDC. Note that a
coarse mesh is used for the graphical representation.

eled by compressing and expanding cells in the axial direction
combined with an arbitrary sliding interface technique. The piston
motion is based on the slider-crank mechanism while the valve lift
is obtained from measurements.
The applied solver is based on the PISO algorithm [24] and the
spatial discretization scheme is the second-order Monotone Advection and Reconstruction Scheme (MARS) [25]. The time step size is
controlled by the maximum allowable Courant number in the domain. The maximum Courant number is speciﬁed to C max ¼ 200,
resulting in a domain averaged Courant number of approximately
0.9. The turbulence model used is the k– RNG model [26] with
standard wall functions. The wall clock time for a 900 crank angle
degree simulation running in parallel on 8 cores (two Intel Nahalem Xeon X5570 quad cores) is approximately 270 h.
Pressure boundaries are applied on the scavenge box inlet and
the exhaust diffuser outlet using experimental data. The pressure
speciﬁed on the scavenge box inlet is time dependent, whereas
the pressure on the diffuser outlet is a time-averaged value. No-slip
and adiabatic conditions are applied on all wall boundaries except
for results presented in Section 4.3 where thermally conducting
boundary conditions are imposed on the combustion chamber surfaces. Cyclic boundary conditions are imposed on all surfaces of the
sector mesh with normals in the tangential direction. The simulation is started with the piston at BDC and the ﬂuid at rest with a
constant temperature T sc and pressure Pexh , where T sc is the temperature in the scavenge box. The working ﬂuid is modeled using
the ideal gas law for density calculations and with temperature
dependent thermodynamic properties based on nitrogen.
The combustion process is accounted for by adding the experimentally determined heat release from combustion as a source
term to the enthalpy equation. The experimental heat release is
estimated from thermodynamic calculations based on the measured cycle-averaged cylinder pressure. To model the combustion,
the heat is released in a variable volume extending from the cylinder axis (r ¼ 0) to 2r=B ¼ 0:92 in the radial direction, and from

3. Validation
In the following the CFD model is validated both by a sensitivity
analysis of the numerical parameters and through a comparison
with experimental results. The effect of discretization scheme is
investigated by comparing the predictions obtained with the MARS
scheme with predictions obtained using the ﬁrst-order upwind difference (UD) scheme and the second-order linear upwind difference (LUD) scheme. To investigate mesh independence two
additional meshes are tested; one with approximately 57,000 cells
denoted ‘‘coarse’’, and one with approximately 116,000 cells denoted ‘‘medium’’. The reference mesh of 174,000 cells is referred
to as ‘‘ﬁne’’. The effect of discretization schemes and mesh resolution is presented by comparing radial proﬁles of tangential velocity
(Fig. 2). The proﬁles are sampled 20 mm above the piston surface
when the piston is at the top dead center (TDC). The investigation
of the discretization schemes (Fig. 2(a)) is carried out using the
medium mesh. The comparison shows that the velocity proﬁles obtained with the two second-order discretization schemes are in
good agreement, with a relative difference of 1.6% in maximum
velocity. Results obtained using the UD scheme underpredict the
maximum velocity with 35% compared to the MARS scheme. The
comparison of mesh resolution, shown in Fig. 2(b), indicates that
the solution obtained using the ﬁne mesh can be considered mesh
independent as the relative difference in maximum velocity using
the medium and ﬁne mesh is less than 1.6%. The inﬂuence of the
temporal discretization is investigated by using the medium mesh
and reducing the maximum allowable Courant number. Maximum
Courant numbers of C max ¼ f50; 100; 200g are tested and the results (not presented) show that all Courant numbers are sufﬁciently low to capture the ﬂow dynamics. The variation in the
maximum tangential velocity at top dead center is less than 1.0%
for the three simulations.
Three RANS based turbulence models are tested. The models are
the standard k– model [28], the k– RNG model [26], and the k–x
SST model [29]. The results from these simulations (not shown)
indicate that the in-cylinder pressure and the scavenged mass
per cycle are insensitive to the choice of turbulence model. The different turbulence models do, however, result in a variation of the
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(b) Close-up of the cylinder pressure after exhaust
valve closing (EVC).

(b) Velocity profiles obtained with different mesh resolutions.

velocity proﬁles. Compared to the maximum tangential velocity at
TDC obtained with the k– RNG model, the standard k– model and
the k–x SST model give 10% and 3% lower velocities, respectively.
It is chosen to use the k– RNG model for the remaining simulations which is consistent with the work of Lendormy et al. [30].
The cyclic convergence of the simulation, meaning the time required to reach a periodic state, is investigated by comparing
velocity proﬁles and mass ﬂow rate through the scavenge ports
for consecutive cycles after the simulation start. The comparison
shows that cyclic convergence is achieved after the second engine
cycle as differences in the monitored quantities from the second
and third cycle are negligible.
The model predictions are now compared with the experimental data. The predicted mass of scavenged gas per cycle is 1:92 kg,
which is in good agreement with the experimental value of 2:07 kg,
corresponding to a relative difference of 7%. Comparison of the predicted and experimental in-cylinder pressure traces (Fig. 3(a))
shows a good agreement except near TDC where the model underpredicts the pressure. The largest relative discrepancy is 14% and is
observed at TDC. The discrepancy is mainly attributed to the ideal
gas assumption, as differences between ideal gas and real gas density become signiﬁcant at high pressures. Preliminary results, obtained using the same numerical model, show that applying the
Redlich–Kwong equation of state, instead of the ideal gas law, reduces the discrepancy in maximum cylinder pressure to 6.5%
[27]. The remaining discrepancy is mainly attributed the uncer-

−60

Crank angle [°]

r [m]

Fig. 2. Numerical sensitivity analysis. Comparison of radial proﬁles of tangential
velocity at TDC.

−75

Fig. 3. In-cylinder pressure measured at the cylinder head vs. crank angle after TDC.

tainty of the mass trapped in the cylinder at EVC and the uncertainty of the measured heat release.
After exhaust valve closing the experimental pressure trace
shows an oscillatory behavior (Fig. 3(b)). The frequency of the
oscillations is found to be f ¼ c=ð2LÞ, where c is the average speed
of sound in the cylinder and L is the cylinder length. This is the fundamental frequency of a pipe with both ends closed and corresponds to a pressure wave traveling between the piston surface
and the cylinder head. The CFD prediction shows a good agreement
on the frequency but underestimates the amplitude of the
oscillations.
4. Results
In this section the validated model is used to analyze the in-cylinder ﬂow as well as the convective contribution to the in-cylinder
heat transfer.
4.1. The scavenge ﬂow
The normalized mass ﬂow rate through the scavenge ports during scavenging is presented in Fig. 4. The mass ﬂow rate shows a
rapid increase in the ﬁrst 7° after scavenge port opening reaching
a cycle maximum at 30° after BDC. The fact that no negative mass
ﬂow rate is observed after port opening shows that no blowblack
occurs. From 30° to 30° after BDC the mass ﬂow rate shows a lin-
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Fig. 4. Normalized mass ﬂow rate through the scavenge ports vs. crank angle after
BDC. The red dashed curves are trend lines. (For interpretation of the references to
color in this ﬁgure legend, the reader is referred to the web version of this article.)

ear decreasing trend with slow ﬂuctuations superimposed. The frequency of these ﬂuctuations is f ¼ c=ð4LÞ which is the fundamental
frequency of a pipe with one end open and one end closed [31].
This shows that the bottom end of the cylinder acts as open when
the scavenge ports are uncovered while the top end acts as closed
even though the exhaust valve is fully open. From 30° after BDC to
scavenge port closing, the mass ﬂow rate decreases rapidly as the
ports are being covered by the piston.
The in-cylinder distribution of tangential and axial velocity at
six different crank angles during the engine cycle are presented
in Fig. 5. The chosen crank angles correspond to events in the engine cycle such as the opening or closing of the scavenge ports
and exhaust valve and are given as crank angle degrees after
BDC. Considering ﬁrst the distribution of tangential velocity
(Fig. 5(a)), it is observed that when the piston is at TDC there is limited axial variation. The radial distribution of tangential velocity
(c.f. Fig. 2) shows that the tangential velocity increases approximately linearly from the center to 2r=B ¼ 0:96, where the maximum velocity v h;max ¼ 28:4 m=s is observed. From 2r=B ¼ 0:96 to
the wall the velocity decreases rapidly due to the wall friction.
The angular velocity of the equivalent solid body rotation, meaning
a solid body rotation with the same angular momentum as the incylinder swirl, is approximately 1/6 revolution per crank angle degree. The velocity ﬁeld shortly after exhaust valve opening (70°)
shows that the swirl is largely unaffected by the cylinder expansion and the exhaust valve opening. Shortly after scavenge port
opening (30°) fresh charge is blown into the cylinder at high
velocity due to the small port opening and the high pressure difference over the ports. Tangential velocities in excess of 90 m=s are
observed above the piston. The highest velocities are observed in
the range 2r=B ¼ 0:30—0:60 and the region of highly swirling ﬂow
has penetrated approximately 0:5B into the cylinder in axial direction. Downstream the high velocity region the velocity ﬁeld is largely unaffected by the port opening. At BDC the fresh charge has
reached the cylinder head (c.f. Fig. 6). It is noted that the swirl is
more evenly distributed and the maximum velocities are reduced
compared to the time shortly after scavenge port opening. Two regions with high tangential velocities are observed; the ﬁrst region
is above the piston surface with maximum velocities occurring in
the range 2r=B ¼ 0:20—0:5, and the second region is below the cylinder head with maximum velocities located near the cylinder
wall. The region with high tangential velocities below the cylinder
head was created shortly after scavenge port opening and was subsequently convected up through the cylinder. At scavenge port

(a) Tangential velocity V

(b) Axial velocity Vz
Fig. 5. In-cylinder distribution of tangential and axial velocity at different crank
angles after BDC.

closing (35°) the high velocity region below the cylinder head
has been convected out of the cylinder and only a small region
with high tangential velocity is observed over the piston surface
close to the center. It is further noted that a region with relatively
low tangential velocities exist near the liner above the ports. At exhaust valve closing the distribution of tangential velocity in the axial direction is approximately uniform. The velocity increases as a
function of the radial position and the maximum tangential velocities are in the order of 40 m=s.
The axial velocity distribution in the cylinder (Fig. 5(b)) is
shown to be uniform and zero at TDC. At exhaust valve opening
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pared to 20°. At 10° after BDC the piston has started the compression stroke and the front of the fresh charge is moving upward with
a relatively large mixing zone in front. A mixture of fresh charge
and burned gases is leaving the cylinder through the exhaust valve.
The combustion gas in the recirculation region above the port has
been completely removed at this crank angle while a pocket of
burned gas is observed to be trapped under the exhaust valve. At
30° after BDC the scavenge ports are almost closed and the mixing
zone is signiﬁcantly reduced. The gases leaving the cylinder have a
concentration of approximately 70% fresh charge. At exhaust valve
closing the volume averaged mass fraction of fresh charge in the
cylinder is 98.2% which is in good agreement with the experimental estimate of 97%. As seen in Fig. 6 no short-circuiting occurs during the scavenging and the process consists of a combination of
displacement and mixing. Near the end of the scavenging the process consists mainly of displacement and the mixing zone is
strongly reduced.
4.2. Angular and axial momentum

Fig. 6. Concentration of the passive scalar during scavenging at different crank
angles after BDC.

high velocities are observed in the exhaust duct as gases are blown
out through the valve due to the high in-cylinder pressure. In the
bottom of the cylinder negative axial velocities are observed as
the gases are pulled downward by the piston. At scavenge port
opening the axial velocity just above the piston is observed to be
highly non-uniform with three recirculation regions. The velocity
in the rest of the cylinder is approximately uniform corresponding
to a plug ﬂow. The two main recirculation zones are the recirculation zone just above the ports near the liner and the central recirculation zone near the cylinder axis. These recirculation zones are
known to affect the scavenging efﬁciency as they can trap the combustion gases resulting in a reduced scavenging efﬁciency [16].
At BDC the central recirculation zone is reduced in radial direction but has become elongated in the axial direction. The separation zone above the port is also reduced in radial direction and
has moved upward. A new large recirculation zone is observed under the valve. In general the axial velocity is small or negative near
the cylinder axis and large near the liner. This corresponds to a
wake-like axial velocity proﬁle which is in agreement with earlier
works, see e.g. [4,5,14]. At scavenge port closing, the distribution of
axial velocity has become more uniform, the recirculation zone under the exhaust valve has disappeared but the separation above the
ports is signiﬁcantly increased. At exhaust valve closing the in-cylinder distribution of axial velocity is nearly uniform with a positive
velocity created by the upward motion of the piston.
The concentration of the passive scalar, deﬁned as the mass
fraction, is presented in Fig. 6 at different crank angles. At scavenge
port opening (30°) the fresh charge is blown in parallel with the
piston surface and is then directed upward, leaving both the central region and the region above the ports unscavenged. The two
unscavenged regions correspond to the recirculation zones observed in Fig. 5(b). It is also observed that mixing occurs at the
interface between the combustion gases and the fresh charge.
10° later the fresh charge has been blown up along the liner and
has penetrated approximately 2:0B into the cylinder in axial direction, however, high concentrations of burned gases still exist near
the cylinder axis and above the ports. At 10° after BDC the front of
the fresh charge has reached 3:5B into the cylinder, the last combustion gases have been removed from the piston crown, while
some combustion gas remains trapped in the separation zone
above the ports. The region with mixed gases is increased com-

To quantify the transient behavior of the system the volume
integrated angular and axial momentum in the engine cylinder
are evaluated. The angular momentum Lz and axial momentum G
are given by

Lz ¼
G¼

Z
ZV

r qv h dV

ð1Þ

qv z dV

ð2Þ

V

where V is the instantaneous cylinder volume.
The variation of the angular and axial momentum over the engine cycle is presented in Fig. 7 using the angular momentum at
BDC Lz;BDC and the cylinder radius B=2 for normalization. As the
blowdown starts at exhaust valve opening, a rapid decrease of
the angular momentum is observed (Fig. 7(a)). The decrease is
caused by a region of swirling gases being blown out through the
exhaust valve due to the high in-cylinder pressure. The angular
momentum continues to decrease until shortly after the scavenge
port opening. As the fresh charge is blown into the cylinder with a
tangential velocity component a rapid increase of the angular
momentum is observed. The maximum angular momentum is obtained approximately at BDC. From BDC to exhaust valve closing an
unexpected reduction in the angular momentum is observed. This
drop is mainly caused by the region of high angular momentum
gas leaving the cylinder volume (c.f. Fig. 5(a)). A second contributing factor to the reduction of angular momentum is the fact that
the total swirling mass in the cylinder is reduced due to the upward motion of the piston. From exhaust valve closing to exhaust
valve opening the angular momentum shows approximately an
exponential decay caused by the wall friction. The exponential decay of the angular momentum can be expressed as
Lz ¼ Lz;0 expðbðh  hEVC ÞÞ, where h is the crank angle in degrees
and b is the decay rate. The decay rate b is found to be 0.14% per
crank angle degree corresponding to a reduction of 12% of the
angular momentum from exhaust valve closing to TDC. The observed exponential decay of the conﬁned turbulent swirl is in
agreement with earlier observations [32,33].
The axial momentum of the cylinder charge (Fig. 7(b)) is
approximately zero at TDC as the only signiﬁcant ﬂuid motion is
the swirl. As the piston begins to move downward the ﬂuid gains
momentum. The momentum is reduced as the piston slows down.
At exhaust valve opening the cylinder charge is directed upward
out through the exhaust valve and the axial momentum increases
rapidly. The opening of the exhaust valve creates pressure waves
that travel between the cylinder head and piston surface. The pres-
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(b) Axial momentum in the engine cylinder.The dashed red
curve indicates the axial momentum due to piston motion.
Fig. 7. Angular and axial momentum in the engine cylinder over one engine cycle
vs. crank angle after BDC.

sure waves are observed as small superimposed oscillations on the
curve from exhaust valve opening to scavenge port opening. At
scavenge port opening the cylinder charge again gains momentum
due to the fresh charge entering from the scavenge ports. After BDC
the axial momentum is decreasing as the mass ﬂow rate through
the scavenge ports is decreasing. A small increase at 15° after
BDC is however observed, corresponding to an increase in mass
ﬂow rate (c.f. Fig. 4). At scavenge port closing a pressure wave is
again created traveling between the cylinder head and the piston
surface as in the period after exhaust valve opening. The pressure
wave results in signiﬁcant ﬂuctuations in the axial momentum.
After exhaust valve closing the oscillations become more regular
and the frequency increases as the cylinder length is reduced. At
approximately 10° before TDC the oscillations become negligible.

applied on the cylinder head, liner, and underside of the exhaust
valve with temperatures based on full load measurements from
the research engine. The temperatures for the exhaust valve and
cylinder head are 873 K and 523 K, respectively. The liner temperature varies from 523 K at the cylinder head to 321 K at the scavenge ports based on a second-order polynomial ﬁt to
temperature data points along the liner. A block of solid cells is included to model the upper part of the piston crown and conjugate
heat transfer calculations are performed for heat transfer between
the piston crown and the cylinder gases. The solid block is 5 mm
thick as experimental temperature measurements were obtained
5 mm below the piston surface. The cell distribution in the piston
material is the same in radial and tangential direction as in the cylinder domain. In the axial direction the cell distribution is uniform
with a high cell density (cell height is 40 lm), resulting in a total
number of 76,000 cells in the solid block. The end-face of the solid
block in the radial direction is assumed adiabatic and cyclic boundary conditions are imposed on the side-faces with normals in the
tangential direction as for the ﬂuid domain. A constant temperature of T p ¼ 673 K, based on piston temperature measurements,
is imposed on the underside of the solid block. The applied material properties for the solid cells correspond to steel alloyed with
molybdenum at 673 K and are a density of q ¼ 7840 kg=m3 , a speciﬁc heat capacity at constant pressure of cp ¼ 616 J=ðkg KÞ, and a
thermal conductivity of k ¼ 42 W=ðmKÞ [34]. The resulting thermal
diffusivity is a ¼ k=ðqcp Þ ¼ 8:70  106 m2 =s.
It should be noted, that compared to the simulations with adiabatic boundary conditions the simulations with solid cells and
thermally conducting wall boundaries require a higher number
of engine cycles before reaching cyclic convergence. For the reference case with a piston temperature of T p ¼ 673 K seven cycles are
required in order to obtain cyclic convergence.
An overview of the resulting ﬂow of energy to and from the
combustion chamber due to heat release, heat losses, and indicated
power is presented in Table 2. The results are per engine cylinder
and presented in terms of cycle-averaged values which are the
integrated values over an engine cycle divided by the cycle duration. Energy input to the cylinder corresponding to the experimental fuel mass ﬂow is also included in the table and the heat release,
heat losses, and indicated power are given as a percentage of the
energy input. The heat losses amount to 3.2% of the fuel energy input and the resulting indicated efﬁciency is 45%. Experimental data
from the research engine show an indicated efﬁciency of 48.4%.
The underprediction in efﬁciency is expected to be caused by the
applied ideal gas assumption which results in an underprediction
of the cylinder pressure around TDC as discussed earlier. The relatively low in-cylinder heat losses, compared to automotive diesel
engines [35], are consistent with measurements performed by
MAN Diesel & Turbo [36]. These measurements were conducted
on a 0:98 m bore engine at full load conditions. The in-cylinder
heat losses (measured in terms of jacket water cooling) are reported to be 5.3% of the fuel energy input [36]. Although the total
heat loss predicted by the model is in the right order of magnitude,
it is expected that the model underpredicts the heat loss as the
contribution from radiation heat transfer is not accounted for. Heat

Table 2
Energy balance for the 4T50ME-X research engine.

4.3. Convective heat transfer
The previously presented results were obtained with all walls
modeled as adiabatic. Additional simulations are performed with
thermally conducting wall boundaries imposed on the combustion
chamber surfaces. Constant temperature boundary conditions are

a
b

Parameter

Value

Unit

Fuel energy %

Fuel energy ﬂowa
Heat releasea
Heat lossesb
Indicated powerb

3935
3376
126
1769

kW
kW
kW
kW

100
85.8
3.2
45.0

Experimental value.
CFD prediction.
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transfer by radiation is important in diesel engines where it, at
peak levels, can constitute up to 50% of the instantaneous heat ﬂux
[37].
Heat transfer to the piston is considered next with focus on
temperatures at the piston surface and in the modeled part of
the piston crown throughout the engine cycle. The highest piston
surface temperature is found to occur at 25° after TDC. The temperature distribution in the piston crown material at this crank angle
is shown in Fig. 8. The center region of the piston obtains the highest surface temperatures. The reason is that gas at the center of the
cylinder is relatively far away from the colder liner and cylinder
head and thereby to some extend isolated by the surrounding
gas. Furthermore, results presented in Section 4.1 showed that a
pocket of hot combustion gases is trapped above the piston surface
near the cylinder axis reducing cooling during scavenging. The
interior of the piston crown is observed to have a rather uniform
temperature distribution. Only the piston material close to the surface is affected by the increased surface temperatures at this crank
angle. The highest piston surface temperature observed is 688 K
which is considered to be relatively low. The low surface temperature is expected as the fuel injection and combustion are not
explicitly simulated. Effects such as the formation of localized
spray and combustion zones and impingement of hot combustion
gases on the piston surface are therefore not accounted for.
The variation of piston surface temperature T s at the center of
the piston during the engine cycle is shown in Fig. 9. The surface
temperature predicted in a simulation with a lower piston boundary temperature of T p ¼ 573 K is also shown. The rise in surface
temperature around TDC is caused by increased cylinder gas temperature, ﬁrst due to the compression and after TDC due to the heat
release. During the following decrease in surface temperature an
abrupt change in the temperature proﬁles is observed at 150° after
TDC, corresponding to 7° after scavenge port opening, which is
caused by the introduction of cold scavenge air into the cylinder.
Likewise, shortly after scavenge port closing the rate of decrease
in surface temperature is lowered as the supply of cold scavenge
air to the cylinder has stopped. At 30° after TDC the cylinder
gas temperature has exceeded the piston surface temperature
due to compression and the surface temperature starts to increase
again. The span in surface temperature variation during the engine
cycle is about 14 K. This is considered low and again attributed to
the fact that the fuel injection and combustion are not explicitly
simulated. The trend in temperature variation over the engine cycle seems however reasonable. In both cases presented in Fig. 9,
the temperature variation over the cycle exhibits a similar trend,
but the absolute surface temperature level is lower in the case with
a piston boundary temperature of T p ¼ 573 K. The resulting average temperature gradient through the piston material is also in-
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Fig. 9. Piston surface temperature T s at the piston center vs. crank angle after TDC.

creased in this case due to the larger span between surface
temperature and imposed underside temperature.
Vertical temperature proﬁles in the piston crown material at
the cylinder axis are presented in Fig. 10 at different crank angles.
Proﬁles for both the T p ¼ 673 K and the T p ¼ 573 K case are shown.
Considering ﬁrst the T p ¼ 673 K case, it is observed that the temperature oscillations are quickly damped when moving into the
piston material. At depths of 1 mm;2 mm;3 mm, and 4 mm below
the surface the amplitude of the temperature oscillations has decreased to 33%, 13%, 6%, and 2% of the surface amplitude, respectively. 5 mm below the surface the oscillations are zero in
accordance with the imposed boundary condition. It should be
noted, that the temperature gradient at this depth is approximately
constant in time, showing that the applied boundary condition
does not result in an unphysical damping. At TDC the piston temperature is monotonically decreasing as a function of distance from
the surface. This continues to be the case over the combustion
phase and a large part of the remainder of the expansion stroke.
However, at 120° after TDC the temperature gradient at the surface
is approximately zero and a switch in direction of the heat transfer
between cylinder gas and piston occurs. Thus at 160° after TDC the
maximum temperature is located 0:38 mm below the surface and
heat ﬂows from the piston to the gas. As the temperature below
0:38 mm from the surface continues to decrease, heat also ﬂows
further into the piston. This trend continues during the remainder
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Fig. 8. Temperature distribution in the upper part of the piston crown at 25° after
TDC.

Fig. 10. Centerline temperature proﬁles in the upper part of the piston crown at
different crank angles after TDC for two boundary temperatures T p .
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of the scavenging process and into the compression process. The
point of maximum temperature moves further into the piston as
a result of these conditions. At 20° after TDC the gas temperature
has again exceeded the piston surface temperature due to compression of the cylinder gases and a switch in heat transfer between gas and piston has occurred. Now a local minimum and a
local maximum temperature are observed 0:30 mm and 1:66 mm
below the piston surface, respectively. Consequently, heat ﬂows
in both directions at these points. At 10° after TDC the local minimum and maximum have decreased and at TDC the heat again
ﬂows continuously into the piston. The temperature proﬁles for
the T p ¼ 573 K case show a similar trend to that observed in the
T p ¼ 673 K case in the region near the surface. However, temperature gradients through the piston material are in general larger due
to the lower underside boundary temperature, which is clearly
seen away from the surface. Therefore, a higher heat loss through
the piston also occurs in this case, leading to a total in-cylinder
heat loss of 4.2% of the fuel energy ﬂow to the cylinder.
5. Conclusions
A computational ﬂuid dynamics model is developed, validated,
and applied for investigating the scavenge ﬂow and convective
heat transfer in large two-stroke low-speed uniﬂow-scavenged
marine diesel engines. The model gives detailed information on
the spatial distribution and temporal development of the in-cylinder ﬂow ﬁeld. The main ﬁndings of the work are listed below.
 The model predictions are in good agreement with the experimentally determined mass of scavenged gases and scavenging
efﬁciency. The agreement on in-cylinder pressure is also good
except near top dead center (TDC), where the pressure is underestimated due to the ideal gas assumption.
 The velocity ﬁeld at TDC prior to fuel injection has approximately a solid body rotation with a maximum tangential velocity of 28:4 m=s and a boundary layer thickness of 2% of the
cylinder bore. The angular velocity of the equivalent solid body
rotation is approximately one sixth of a revolution per crank
angle degree.
 Two recirculation zones are identiﬁed near the bottom of the
cylinder in which burned gases are trapped during scavenging.
The ﬁrst recirculation zone is located close to the liner above the
ports and the second recirculation zone is located near the cylinder axis and created by the strong swirl.
 The in-cylinder angular momentum decays exponentially from
exhaust valve closing to exhaust valve opening corresponding
to a 12% reduction from exhaust valve closing to TDC.
 The convective contribution to the in-cylinder heat loss is predicted to be 3.2% of the fuel energy ﬂow to the cylinder. It
should however be noted, that fuel injection and combustion
are not explicitly simulated why the true convective heat loss
is expected to be higher. Conjugate heat transfer analysis
showed that the upper part of the piston crown material acts
as a thermal buffer layer with changing heat ﬂow direction
through the engine cycle.
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